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Abstract

The conventional SEA model considers only the resonant part of the structural response to an acoustic excitation.
Therefore, this study investigates non-resonant responses of isotropic and orthotropic plates to acoustically induced
vibrations in a reverberation chamber. A modified SEA model is introduced to predict the non-resonant plate response.
The estimated non-resonant and resonant responses are then compared with those obtained experimentally, and good
agreement is observed for isotropic and orthotropic plates. For an isotropic plate with a small dissipation loss factor,
when the non-resonant part is ignored, the estimated response can lead to significant errors at frequencies near and
above the critical frequency, while large errors may occur at frequencies below the critical frequency for an orthotropic
plate with a high dissipation loss factor. The experimental study indicates that the non-resonant response component

should be included in the estimated responses to enhance predictive accuracy.
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1. Introduction

In recent decades, statistical energy analysis (SEA)
has been considered to be a suitable framework for
analyzing and solving vibro-acoustic problems. Sta-
tistical energy analysis assumes that energy flow be-
tween subsystems is caused by resonant structural or
acoustic modes {1]. When excited acoustically, con-
ventional SEA models cannot predict the non-
resonant response of a structure [2-4]. A non-resonant
response, also known as a forced response, is a re-
sponse of structures that vibrate when impacted by
sound waves. A resonant response is associated with
structural modes that are caused by the interaction of
free bending waves with a structure’s boundaries.
Therefore, both non-resonant and resonant responses
contribute to an acoustically induced vibration re-
sponse.
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However, few studies have estimated the non-
resonant structural response to acoustic excitation
using SEA {4, 5], since Renji et al. [4] proposed a
direct non-resonant coupling loss factor between a
room and a partition. A modified SEA (MSEA)
model has thus been constructed to estimate the non-
resonant energy iransfer between rooms and partitions.
Renji et al. considered the transmission of sound
through a single-leaf aluminum plate as a numerical
example. Cheng and Shyu [5] developed this idea
further to investigate the transmission of sound
through double and triple leafs. They used a non-
resonant coupling loss factor between a cavity and a
partition to estimate non-resonant energy transfer. It
was found that the non-resonant response of an alu-
minum plate could be significant for resonant re-
sponses at frequencies near and above the critical
frequency, for an assumed dissipation loss factor of
the alumioum plate of 0.01 for all frequencies [4, 5].
The assumption of a dissipation loss factor influences
the resonant and non-resonant contributions to the
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tesponse of plates, which will be discussed later.
Renji et al. [6] also conducted an experiment in which
they subjected an aluminum plate to acoustic excita-
tion in a reverberation chamber, to verify the MSEA
model [4]. In their study, the estimated response of
the aluminum plate showed large errors at frequencies
near and above the critical frequency when the non-
resonant response was ignored. To date, some works
have studied the non-resonant response of isotropic
aluminum plates with tiny dissipation loss factors;
however, few have been conducted on orthotropic
plates with high dissipation loss factors, to the au-
thors’ knowledge.

This work studies the non-resonant response of
orthotropic plates to acoustic excitation, as well as the
effects of the dissipation loss factor for the non-
resonant response of metal plates. Since fiber-
reinforced plastic (FRP) plates have orthotropic char-
acteristics and higher damping values than aluminum
plates, the non-resonant response contribution of FRP
plates differs from that of isotropic metal plates. This
work measures the structural responses of aluminum
and FRP plates that are subjected to acoustic excita-
tion in a reverberation chamber. Experimental data
are compared with structural responses of the plates
that are predicted by using the MSEA [4]. The modi-
fied SEA model is expected to improve predicted
structural responses of the plates. Besides, reverbera-
tion time of the chamber was also measured to calcu-
late the chamber’s absorption coefficient. The total
loss factor of each plate was also measured to calcu-
late the dissipation loss factor.

2. Experiment

Figs. 1(a) and 2(b) present the setup of the acousti-
cally induced vibration test for an aluminum plate and
an FRP plate, respectively. These two plates were
hung in a reverberation chamber during the test.
White noise generated by a non-directional loud-
speaker was adopted to excite acoustically the test
plate, and the acceleration responses of the plates
were measured.

Fig. 2 presents the dimensions and plan view of the
reverberation chamber, which is an irregularly shaped
concrete building with a volume of 204 m’ and 2 sur-
face area of 202 m’. The temperature and relative
humidity during the test were 21°C and 70%, respec-
tively. Under these conditions, the density of air was
1.18 ke/m’ and the speed of sound was 344 my/s. The
first test structure, an aluminum plate of type 1050,
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was 1.245 m % 1,485 m in area and 3 mm thick. The
material properties were as follows [5]: Young's
modulus £ = 7.1x10" Pa; Poisson ratio v = 0.3, and
density p = 2700 kg/m’. The modal density of the
isotropic alumimum plate at frequency f was calcu~
lated as 0.2 by using the following equation [1].

n(f) = (4/2)(mi DY, h

where A is the area; m is the mass per unit area, and D
is the flexural rigidity. The critical frequency of the
plate was calculated to be 4045 Hz {1}

CZ m
fc~’2‘7; 5 2)

The second test structure, an orthotropic plate made
of FRP, was 1.245 m x 1485 m in area and 2.6 mm
thick. The material properties of this orthotropic plate
were as follows [5) Young’s modulus in the plane
direction E,= 2.5%10'° Pa and £,= 1.4x10" Pa; Pois-
son ratio v,y = 0.25, and density p = 1630 kg/m”. The
modal density of the FRP plate at frequency f was
calculated as 0.36 {1}, using

N (s mo o mon
71()‘)—(A/4)(Dx +Dy) » 3

where D, and D, are the flexural rigidity of the
orthotropic plate in relation to in-plane axes {x-axis
and y-axis}. The orthotropic plate is characterized by
a range of critical frequencies that depend on the di-
rection of propagation of the bending wave in the
plate. According to Eq. (2), the lowest critical fre-
quency of the FRP plate is f, =6293 Hz, and the
highest critical frequency is £, =8380 Hz.

A white noise signal that is generated by the built-
m signal generator of B&K 3560C was amplified to
drive the non-directional loudspeaker. The sound
pressure level (SPL) was measured by five B&K
4190 microphones, which were placed randomly n
the reverberation chamber, as shown in Fig. 1, to
calculate the spatial average SPL. Six B&K 4374
miniature accelerometers, each weighing 0.65 gram,
were placed randomly on the plate to measure accel-
eration and thus determine the acoustically mduced
plate vibration (Fig. 3). Fig. 4 presents the measure-
ment setup for capturing sounds and vibrations. Two
B&XK 3560C spectrum analyzers, connected in a net-
work, were adopted to analyze 11 channels of signals



2084 C. -Y. Cheng et al. / Jowimal of Mecharical Science and Technology 2142007) 2082~2090

Sy
P ERTE
AT LR

Fig. 2. Dimensions of the reverberation chamber.

1.485 m

{245 m

A

Fig. 3. Accelerometer(@) and hammer impact(™) locations
on the plate.

Spectrum Saulyzec
B&K 3360C

Reverberation
Chamber O

Signal Geaeratar

Amplifier
Muin-chamne!

3
o Charge Amplifi [._J
/ |

i ¥ ifier H Avoustic Froat-end
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in one-third octave bands, ranging from 400-8000 Hz
for the alominum plate and 400-12500 Hz for the
FRP plate. Results above 400 Hz were presented to
eliminate inaccuracies in radiation resistance at low
frequencies, and to fulfill the SEA assumptions for
sufficient mode counts in the lowest frequency band
{6]. The 400 Hz one-third octave band for the alumi-
num and FRP plates had 18 and 33 modes, respec-
tively. '

Figs. 5(a)-5(d) present the spectra of SPL and the
plate vibration, as displayed on a B&K 3560C spec-
tram analyzer. Tables 1 and 2 present the measured
spatial average SPL for the aluminum plate and the
FRP plate. Figs. 6 and 7 present the spatial average
for acceleration levels for the two plates. The rever-
beration time of the chamber and the total loss factor
of the plates were measured to estimnate the absorption
coefficient of the chamber and the dissipation loss
factor of the plates. Tables 1 and 2 list the estimated
absorption coefficients for various plates, For brevity,
details of the experiments for reverberation time are
not provided here as they are given in 1SO 3382. The
power injection method was utilized to measure the
total loss factor 77, of the plate at circular frequency
o That s, [7, 8]

L

i

, @

where E, represents the space and frequency-
averaged energy of the vibration of the plate; P is
the power input, and £ is the normalized energy
level. Once the input power and the energy of the
plate vibration have been measured, the total loss
factor of the plate can be experimentally determined.
Fig. 8 presents the experimental arrangement for the
loss factor measurements. An impact hammer was
used to excite the plate at seven randomly selected
points (Fig. 3). Six accelerometers were used to
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Fig. 7. Acceleration responses of the FRP plate.
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Table 1. Structural responses of the aluminum plate.

173 octave band SPL Absorption coefficient Vibration responsefsiB) Vibration kvel
difference(dB)
center fequency(Hz) | in chamber {dB) of chamber Experimert SEA Medified SEA {SEA-Modificd SEA|

400 864 0.012 84.7 84.6 85.6 1.9

500 83.3 0.014 823 82.3 83.1 038

630 81.2 0.017 0.7 80.9 81.7 0.8

300 80.9 0.617 82.6 81.3 82.0 0.7
1000 79.8 0.018 83.3 21.0 81.6 0.6
1250 79.9 0.020 86.0 82.1 82.6 9.5
1800 80.0 0.021 §7.1 83.8 342 0.4
2000 32.8 00723 92.1 90.7 90.8 0.1
2500 $2.9 0.026 94,3 91.9 92.1 0.2
3150 84.] 0.030 98.5 954 95.3 0.
4000 818 0.037 98.7 97.8 99.0 12
5000 79.4 0.048 570 952 98.3 3.4
6300 79.7 0,068 98.0 94.9 972 23
3000 76.6 0.089 95.0 91.2 93.1 1.9

* dB reference for vibration response is 107 mis’
Table 2. Structural responses of the FRP plate.
173 octave band SPL Absorption coefficient Vibration response{dB) Vibration kvel
difference(dB)
center fequency(Hz) | in chamber (dB) of chamber Experiment SEA Modified SEA |SEA-Modified SEA]

400 84.5 0.013 81.8 74.6 81.6 7.0

500 824 0.014 79.1 72.5 79.4 6.9

630 79.9 0.016 71.3 69.0 76.5 7.5

300 78.8 0.01%9 76.3 69.2 75.8 6.6

1000 77.5 0.01% 753 8.6 74.6 6.0

1250 71.2 0.020 75.5 68.5 74.4 59

1600 78.2 0.021 76.3 69.3 754 6.1

2000 81.5 0.023 311 74.1 79.2 5.1

2500 83.0 0.025 82.7 78.2 81.9 3.7

3150 852 0.027 853 805 | 843 18
4000 34.6 0.031 35.6 81.6 84.9 33

5000 81.4 0.038 86.4 83.7 85.4 1.7

6300 80.1 0.049 96.0 93.9 94.8 0.9

8000 80.0 0.060 97.1 94.2 973 3.1
10000 76.6 0.087 95.9 91.5 943 23
12500 70.6 0.105 90.4 33.5 88.7 52

* dB reference for vibration response s 107 s’
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measure the energy of the plate vibration; while the
other one locating with movement of the impact point
was used to estimate the input power of the driving
point. Figs. 9 and 10 plot total loss factor measure-
ments of various plates. Since an impact hammer with
a steel tip was used to measure the total loss factor,
the frequency response of the impact energy was

Fig. 8. Total loss factor measurement setup of the aluminum limited to high frequency range. The resulting total

and FRP plates.

loss factors at frequencies above 2000 Hz, shown in
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Fig. 10. Different loss factors of the FRP plate.

Figs. 9 and 10, are for reference only. The radiation
loss factor was subtracted from the total loss factor to
determine the dissipation loss factors of the two plates.
The radiation loss factor was determined from the
plate radiation efficiency. Hence,

2,60 <
7, =, &)
m

where p, is the density of air, and ¢ is the speed of

sound in air. The radiation efficiency of a simply
supported plate, o, was computed by using the equa-
tions given by Leppington et al. [9]. In this work, the
plate boundaries are free. A factor of 0.5, as suggested

by Renji et al. {6, 10], up to a frequency of ~€‘~ , was

2087

applied to the radiation efficiency to take into account
the effect of the free condition. Fig. 9 plots the esti-
mated theoretical radiation and dissipation loss fac-
tors of the alumimum plate. Since orthotropic plates
have a critical frequency region, the radiation effi-
ciency of the orthotropic plate, as suggested by Craik
[3]. was estimated herein by taking the average radia-
tion efficiency of two isotropic plates—one with the
lowest critical frequency (6293 Hz) and the other one
with the highest critical frequency (8380 Hz). Fig. 10
plots the estimated theoretical radiation and dissipa-
tion loss factor of the FRP plate.

3. Results and discussion

3.1 Theoretical model of a panel that is hung in a
reverberation room

Renji et al. [4] proposed the MSEA model of a
plate that is hung in a diffuse acoustic field to esti-
mate ifs resonant and non-resonant responses (¥ig.
11). Their model consists of three subsystems -
chamber (subsystem 1), resonant response of plate
(subsystem 2), and non-resonant response of plate
{subsystem 3). The indirect coupling loss factor, n,,,
from the plate to the chamber, and the indirect cou-
pling loss factor, n,;, from the chamber to the plate,

are calculated by using the following equations:

ny, = 2p,clmw, ()]
s = {0, +27)dc/ 40V, 0]

where a, =wmnr/p,c is the sound power dissipa-
tion coefficient; = is the sound power transmission
coefficient of the plate; n is the dissipation loss
factor of the plate, and ¥, is the volume of the
chamber. The power balance of these three subsys-
tems, shown in Fig. 11, is given by the following
equation:

e i(77| Tty Ty —Thy E,'
Or=w Tz 71+ 0 Eyp,
0 T3 0 7+ | 1 Es

®

where «, is the power input to the chamber; #, is

the internal loss factor of the chamber, and E; is the
mean energy of subsystem 7. For chamber sound pres-

sure P, , the chamber energy is given by
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From Eq. (8), the resonant vibration energy of the
plaie is given by

=

E,= wm

1+—"'E, (10)

X

where », is the modal density of the acoustic cham-
ber and #, is the modal density of the plate. The

non-resonant vibration energy of the plate becomes

TmA
E, = . il
Yodpy b

The sound power transmission coefficient of a stiff
isotropic plate with critical frequency 7, is given by

[k

77 = (i +nacosfsin* 8(f/ £Y' )

, 12
+{acosB(1—(f/ £.) sin* §)} 42

where a=mw/2pc and & is the angle of inci-

dence. For an orthotropic plate, the sound power
transmission coefficient is estimated from [12]

77 = {1 + nacosfsin* 4( o5’ 9 ~}~—]:-sin2 VY

<l c2
+{acosd[l— (Ji—cos2 F+ j{ sin® 9)* sin* 41}

cl c2

(13}
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Fig. 12. The influence of increasing dissipation loss factor on
vibration energy ratio {non-resonant/resopant) for aluminum
plate.

where & and ¥ are the angles of incidence. Egs.
{10y and (11) reveal that the dissipation loss factor of
the plate influences the vibration energy of the non-
resonant and resonant responses. The resonant vibra-
tion energy is proporttional to the damping factor
whereas the non-resonant vibration energy is not [3].
For the aluminum plate, the effect of an increase in
the damping value on the resonant vibration energy is
more significant than that on the non-resonant
vibration energy.

3.2 Numerical results for aluminum plate

This section presents numerical results for an alu-
minum plate obtained with the MSEA model. Table |
presents the SPL in the chamber and the absorption
coefficient. Since the dissipation loss factor obtained
from the experimental data can involve errors that
exceed 2000 Hz, the dissipation loss factor is esti-
mated from the following equation for
80 Hz < f <2500 Hz [6, 13, 14].

n=18/f). (14)

For frequencies above 2500 Hz, the dissipation loss
factor was 0.002. Fig. 6 shows that the predicted non-
resonant and resonant responses of the aluminum
plate match the experimental results closely. This
figure also shows that non-resonant response is sig-
nificant when compared with the resonant response at
frequencies near and above the critical frequency;
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however, the non-resonant response is much lower
than the resonant response below the critical fre-
quency. That is, the non-resonant response contribu-
tion to plate vibration increases with frequency. The
last columa in Table 1 indicates that when the non-
resonant response is ignored, the estimated response
exhibits a significant error at frequencies above the
critical frequency (3.1 dB at 3000 Hz), while the non-
resonant response 18 negligible below the critical fre-
quency. This result is in complete agreement with the
experimental results of Renji et al. [4, 6] . The situa-
tion changes as the plate dissipation loss factor in-
creases, as shown in Fig. 12. Numerical results reveal
that the non-resonant response is higher than the
resonant response at low frequencies and cannot be
neglected. This result is not found in the earlier study,

3.3 Numerical results for FRP plate

This section discusses the response of the
crthotropic FRP plate with a high dissipation loss
factor. Table 2 presents the chamber SPL and the
absorption coefficient. The dissipation loss factor of
the FRP plate is based on experimental data for fre-
quencies below 2000 Hz (Fig. 10) and is assumed to
be 0.03 at frequencies above 2500 Hz. Fig. 7 plots the
predicted plate non-resonant and resonant responses,
which are strongly consistent with the experimental
results. '

The non-resonant response exceeds the resonant
response at frequencies below 4000 Hz and greater
than 8000 Hz (Fig. 7). The final column in Table 2
presents the diffcrences between then estimated ac-
celeration response with and without consideration of
the non-resonant response. The differences are 7.5 dB
at 630 Hz and 5.2 dB at 12500 Hz (Fig. 7 and Table
2), and increase markedly as the frequency declines
below the critical frequency.

Based on the differences between the aluminum
plate and the FRP plate at frequencies below the criti-
cal frequency, the non-resonant structural response of
the FRP plate is higher than the resonant structural
response, while the non-resonant structural response
of the aluminum plate is lower than the resonant
structural response. When the non-resonant structural
response is neglected, the responses of the FRP plate
estimated by using the conventional SEA are signifi-
cantly lower than the measured results; however, the
non~resonant structural response of the aluminum
plate is negligible. At frequencies above the critical
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frequency, the non-resopant structural response of
two plates is significant.

4. Conclusions

This work studied the siructural responses of an
aluminum plate and an FRP plate to acoustic excita-
tion, by comparing experimental results with theoreti-
cal predictions. A modified SEA model predicted a
structural response, including the non-resonant re-
sponse, which agrees closely with the experimental
results obtained for both plates. The dissipation loss
factors of the two plates were determined in an ex-
periment using the power injection method. The non-
resonant structural response of the aluminum plate
was as significant as the resonant response at fre-
quencies near and above the critical frequency; how-
ever, the non-resonant response was insignificant at
frequencies below the critical frequency. Increasing
the dissipation loss factor of the plate may strengthen
the non-resonant response rather than the resonant
response below the critical frequency. The FRP plate
had a high dissipation loss factor, and its non-resonant
response exceeded the resonant response at frequen-
cies below and above the critical frequencies. This
work concludes that the non-resonant response com-
ponent should be included in the estimated response
calculation to improve predictions for both isotropic
aluminum and orthotropic FRP plates.
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